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Abstract

A dynamic model based on the thermo- and ‡uid-
mechanic processes taking place in a centrifugal com-
pressor is validated. The background for this is the need
for a energy based model including the rotational speed
as a state in order to perform energy based active surge
control. The response of the model is compared with
experimental results from the Energy Technology Lab-
oratory at Eindhoven University of Technology. Both
the calculated compressor characteristic and transient
responses for set point changes and in-surge response
were compared to experiment with good results.

1 Introduction

In this paper a dynamic model, suitable for surge con-
trol design, of a centrifugal compression system is vali-
dated. Compressor surge is an unwanted oscillation of
the mass ‡ow, pressure rise and rotational speed. Tra-
ditionally, the solution to this problem is surge avoid-
ance: The compressor operating point is never allowed
to go closer to the stability limit (the surge line), than
a prescribed surge margin. The surge margin prohibits
operation at maximum pressure rise and e¢ciency, and
it narrows the operating range of the compressor. Ac-
tive surge control is an attractive alternative to surge
avoidance: Measurements from one or more states is fed
through a control law to an actuator, and the unstable
area of the compressor map can be stabilized.

In designing the active surge control law, the control
engineer is dependent on a dynamic model of the com-
pression system. Such a model will be derived in this
paper. The model includes the states: mass ‡ow, pres-
sure rise and rotational speed. A classical result in this
…eld is the axial compressor model of [5], where a model
for mass ‡ow and pressure rise was presented. In [6] it
was shown that the model of [5] is also applicable to
centrifugal compressors. Since compressors are vari-
able speed machines, and surge is commonly encoun-
tered during speed transients and set point changes, it
is of interest to investigate the in‡uence of speed tran-
sients on the surge dynamics, and on the compressor
dynamics in general. A model describing this interac-
tion was developed in [2], where rotational speed was
included as a state in the model. This approach will
also be taken here, but the modeling of the compressor
pressure rise and torque will be modeled in more detail,
studying the energy transfer from the impeller to the
‡uid, and taking account for various loss mechanisms.
This results in a model and a compressor characteristic
that is based on the ‡uid-dynamic and thermo-dynamic

processes taking place in the compressor stage, as op-
posed to polynomial approximations or measured char-
acteristics that has been commonly used in the surge
control literature. This modeling approach is used with
energy based control design in mind. When e.g. using
passivity as a design tool, it is advantageous to have
correct information on how energy ‡ows in the system.
This is a approach that has proven successful in other
branches of control of mechanical systems, such as ro-
botics or vehicle control.

2 Experimental Set-Up
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Figure 1: Scheme of experimental set up

2.1 Compression system
To study the dynamic behavior of turbomachinery, a
laboratory-scale gas turbine installation was erected in
the Energy Technology Laboratory of Eindhoven Uni-
versity of Technology. This installation, designed by [8],
is built around a BBC VTR 160L turbocharger that
consists of a single-stage, centrifugal compressor with a
vaned di¤user, which is mounted on the same rotational
axis as the single-stage, axial expander. Expansion re-
quires a pressure ratio across the expander, so …rst the
gas has to be compressed. By mounting the expander
on the same axis as the compressor, it can deliver the
power to pressurize the incoming gas. To increase the
net mechanical power provided at the shaft, the tem-
perature of the working gas is raised by burning fuel in
the combustion chamber.



For studies involving compressor surge, the gas turbine
installation is mostly used in the con…guration shown in
Fig. 1, with the dashed connecting line removed. Sim-
ilar to [2], the mass ‡ows through the compressor and
expander are now decoupled; the compressor pressur-
izes the incoming air which is discharged via the com-
pressor blow-o¤ valve into the atmosphere. This mod-
i…ed con…guration o¤ers the following bene…ts. First,
the occurring surge oscillations are assumed to be less
harmful for the equipment, since the compressor dis-
charges in a relatively small plenum volume compared
to the large vessel of the standard gas turbine instal-
lation. Second, [2] showed that in this small volume
case the steady-state compressor characteristics can be
determined up to smaller mass ‡ows. Third, if the com-
pressor and expander mass ‡ows are coupled, the num-
ber of steady operating points reduces signi…cantly be-
cause a power and mass balance holds between both
components [8, 9]. In the studied system, externally
supplied compressed air ‡ows via the expander throttle
valve into the combustion chamber where natural gas
is added and burned. As the compressor and expander
mass ‡ows can be varied independently, the modi…ed
system can in principle be operated in any desired op-
erating point. However, in this con…guration the rota-
tional speed can be varied up to 25,000 [rpm] due to
the limited mass ‡ow rate of the externally supplied
compressed air.

For higher compressor speeds the gas pressurized by
the compressor can supplement the externally supplied
compressed air, by using the dashed connecting line
and closing the compressor blow-o¤ valve. Because in
this con…guration, that includes the large vessel, surge
is much more powerful and is of lower frequency, no
extended surge measurements are possible, otherwise
damage to the machine could easily occur. Some char-
acteristic turbocharger data is summarized in Table 1.

Table 1: Parameters of the BBC turbocharger

Part Parameter Value Unit
Impeller number of blades, Z 20 -

inlet diam. at casing, Dt1 0.106 m
inlet diam. at hub, Dh1 0.054 m
exit diameter, D2 0.180 m
exit width, b2 0.007 m
blade inlet angle, ¯1b 40 deg

Vaned number of vanes, z 45 -
di¤user inlet diameter, D3 0.215 m

outlet diameter, D4 0.258 m
vane inlet angle, ®2b 28 deg

System Plenum volume, Vp 0.0203 m3

Duct area, A1 0.00956 m2

Duct length, Lc 1.8 m

2.2 Measurement system
To determine the steady-state performance of the com-
pressor, the compression system is equipped with sev-
eral temperature probes and pressure transducers, as
shown in Fig. 1. Moreover, steady expander and com-
pressor blow-o¤ mass ‡ows can be determined from two
instrumented ori…ces whereas the rotational speed of
the impeller is measured with a semi-conductor pulse
tachometer. The angular displacement of the stem of
the expander throttle and compressor blow-o¤ valve is
also registered. This signal is a measure for the opening

area of the valves. As these valves have a linear ‡ow
characteristic, the mass ‡ow through the valve is pro-
portional to the valve position [8]. For data-acquisition,
a National Instruments board is plugged in a mea-
surement PC. LabVIEW software controls the data
storage on hard disk and real-time process monitoring
on the computer screen. This system runs at 200 [Hz]
sampling frequency. A second PC equipped with a
dSPACE DS1103 control board is used to run (surge)
controllers and to gather a subset of the available data
at high speeds, because it is set at 1 [kHz] sampling
frequency. Compressor transients are observed using
measurements of the high-frequency response pressure
probe at the compressor outlet, of the compressor blow-
o¤ valve’s rotation angle sensor, and of the rotational
speed transducer. Reliable, transient mass ‡ow mea-
surements are not available.

3 Model

The model to be validated is in the form

_pp =
a2
01

Vp
(m ¡ mt)

Lc

A1
_m = p02 ¡ pp (1)

J _! = ¿ t ¡ ¿ c;

where m is the compressor mass ‡ow, p02 is the pressure
downstream of the compressor, a01 is the inlet stagna-
tion sonic velocity, Lc is the length of compressor and
duct, A1 is the area of the impeller eye (used as ref-
erence area), J is the central moment of inertia of the
shaft including mounted parts, ¿ t is the turbine drive
torque and ¿ c is the compressor torque. The two …rst
equations of (1) are equivalent to the model of [5]. The
model is derived by calculating the mass balance of the
plenum volume, integrating the one dimensional Euler
equation (the momentum balance) over the length of
the exit duct, and calculating the torque balance of the
rotating shaft. A detailed derivation of (1) can be found
in [3] or [4], and we will here only present some modi-
…cations/re…nements to the derivation in [3].

3.1 Compressor and turbine torques.
For turbomachines, applied torque equals the change in
angular momentum of the ‡uid:

¿ c = m(r2Cµ2 ¡ r1Cµ1); (2)

where ¿ c is the compressor torque, r1 = D1
2 , r2 = D2

2
and Cµ2 is the tangential component of the gas velocity
C2. Power delivered to the ‡uid is

_Wc = !¿ c = m(U2Cµ2 ¡ U1Cµ1) = m¢h0 (3)

where ¢h0 is the speci…c enthalpy delivered to the ‡uid
without taking account for losses. Velocity triangles
coresponding to (2) and (3) can be found in [4]. A ra-
dially vaned impeller is considered with ¯2b = 90±, and
there is no pre-whirl, that is ®1 = 90± ) Cµ1 = 0.
These assumptions are valid for the compressor of the
VTR 160. However, the model can easily be extended
to handle both backsweep and pre-whirl. The compres-
sor torque is given by

¿+
c = mr2Cµ2 = mr2¾U2; m > 0; (4)
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Figure 2: Compressor torque

where ¾ is the slip factor. The torque calculated in
(4) is for forward ‡ow. However, the compressor may
enter deep surge, and there is need for an expression
for the compressor torque at negative mass ‡ow. It will
be assumed that the compressor torque of a centrifugal
compressor in reversed ‡ow can be calculated by the
use of Euler’s turbine equation:

¿¡
c = m(r1Cµ1 ¡ r2Cµ2) = ¡mr2¾U2; m < 0: (5)

Combination of (4) and (5) gives

¿ c = jmjr2¾U2: (6)

The torque characteristic of the VTR 160 compressor,
calculated using (6), is shown in Fig. 2. In [2] a constant
turbine torque was used for studying the transients of
the compressor system. As the turbine torque is de-
pendent on other system states as N , that will vary
under transient conditions, this approach will not be
used here. The turbine torque is found by dividing tur-
bine power with angular velocity:

¿ t =
Pt

!
=

´mmturbinecp;t¢T0;turbine

2¼N
(7)

where ¢T0;turbine =Tt;in ¡Tt;out is the stagnation tem-
perature drop over the turbine, ´m is the turbine me-
chanical e¢ciency, which is usually very high, ´m =
0:99 being typical, mturbine is the turbine mass ‡ow,
cp;t is the turbine speci…c heat under constant pressure
and N is the rotational speed of the shaft.

Notice that the ideal enthalpy ¢h0 de…ned in equation
(3) is independent of mass ‡ow m, and ideally we would
have the same energy transfer for all mass ‡ows. How-
ever, due to various losses, the energy transfer is not
constant, and we will now include this in the analysis.
According to [10], the two major losses, expressed as
speci…c enthalpies, are: 1) Incidence losses, ¢hi and 2)
Fluid friction losses, ¢hf . Other losses such as inlet
casing losses, disc friction losses, leakage losses and col-
lector losses do occur, but these will not be considered
here. Moreover, the incidence losses and ‡uid friction
losses play an important role in shaping the compres-
sor characteristic and determining the region of stable
operation for the compressor. Depending on the mass
‡ow being lower or higher than the design ‡ow, positive
or negative stall is said to occur. The velocity of the
incoming gas relative to the inducer is denoted W1. In
o¤-design operation there will be a mismatch between

the …xed blade angle ¯1b and the direction of the ‡ow
¯1 = ¯1(U1; C1). The angle of incidence is de…ned by
¯i = ¯1b¡¯1: As the gas hits the inducer, its velocity in-
stantaneously changes its direction to comply with the
constant blade inlet angle ¯1b. The direction is changed
from ¯1 to ¯1b, and the kinetic energy associated with
the tangential component Wµ1 of the velocity is lost.
Due to continuity, the radial component of the velocity
must remain unchanged. The incidence loss can now
be expressed as

¢hii =
W2

µ1
2

=
1
2

µ
U1 ¡ cot ¯1bm

½01A1

¶2

: (8)

The detailed derivation may be found in [3]. The losses
in the vaned di¤user can be modeled in a similar man-
ner, and it is assumed that the velocity of the ‡uid en-
tering the di¤user is instantaneously changed to comply
with the …xed di¤user inlet angle ®2b. The direction is
changed from ®2 to ®2b, and the kinetic energy associ-
ated with the tangential component C3i of the velocity
is lost. That is, the di¤user incidence loss can be ex-
pressed as

¢hid =
C2

3i

2
=

1
2

(¾U2 ¡ cot®2bCa3)
2 : (9)

The velocity Ca3 is calculated by assuming incompress-
ible ‡ow in the vaneless space. According to [1] loss due
to friction in the impeller can be calculated as

¢hfi = fi
li
Di

W 2
1b
2

; (10)

where fi is the impeller friction factor, li is the mean
impeller channel length and Di is the impeller mean hy-
draulic channel diameter. For calculation of the friction
factor, we use Haalands explicit formula, [11] :

1

f1=2
i

= ¡1:8 log

Ã
6:9
Re

+
µ

²=Di

3:7

¶1:1
!

: (11)

The Reynolds number used is Re = U2b2
º ;where b2 is

the impeller tip width and º is the kinematic viscosity
at the impeller inlet. This was recommended by [7] as
being a representative value of the Reynolds number
for a centrifugal compressor stage. The mean hydraulic
channel diameter Di is de…ned as Di = 4Ai

ai
where the

cross section area Ai and wetted perimeter ai are mean
values for the passage. For the impeller, the mean hy-
draulic diameter is set to the average of the inducer in-
let hydraulic diameter and the impeller exit hydraulic
diameter. Using W1b = C1

sin ¯1b
; we get

¢hfi =
fili

2Di½2
1A2

1 sin2 ¯1b
m2 = kfm2: (12)

The friction loss ¢hfd in the di¤user is calculated using
the mean hydraulic diameter of the di¤user passages,
resulting in an expression similar to (12).

3.2 Pressure rise.
The pressure rise in the compressor is from the stagna-
tion pressure p01 at the inlet, to the stagnation pressure
p02 at the outlet. Generally, this rise in stagnation pres-
sure can be obtained in an isentropic process 1 ! 2s
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Figure 3: Isentropic / isobaric process in the compressor.

where p02s = p02 which involves an increase in the stag-
nation enthalpy ¢h0s = h02s ¡ h01. The pressure in-
crease in the compressor is not isentropic, and there is
an increase in entropy due to incidence losses ¢hi and
friction ¢hf . To account for this, the compression from
p01 to p02 is modeled as an isentropic process in series
with an isobaric process. For the isentropic process, the
entropy di¤erential is ds = 0 and the enthalpy di¤eren-
tial is dh = vdp, while for the isobaric process dp = 0
and dh = Tds. This results in the following description:
First, there is an isentropic process 1 ! 2s which ends
in a state with pressure p02s = p02 and stagnation en-
thalpy h02s. Then, there is an isobaric process 2s ! 2,
which accounts for the entropy increase and ends in a
state with pressure p02 and stagnation enthalpy h02.

The total process 1 ! 2 is illustrated in Fig. 3, and

¢h02 = ¢h02s +
Z 2

2s
Tds (13)

= ¢h02s + ¢hii + ¢hfi + ¢hid + ¢hfd

Here ¢hii and ¢hid are the incidence losses, ¢hfi and
¢hfd are the friction losses, and ¢h02s is the change
in speci…c stagnation enthalpy that contributes to the
acceleration of the gas in the duct. The stagnation
pressure ratio is given by the stagnation temperature
ratio of the isentropic process 1 ! 2s according to

p02

p01
=

µ
T02s

T01

¶ ·
·¡1

(14)

An expression for T02s=T01 is found from

T02s

T01
=

h02s

h01
=

h01 + ¢h02s

h01
= 1+

¢h02s

h01
= 1 +

¢h02s

cpT01
(15)

which gives

ªc(m;!) =
p02

p01
=

µ
1 +

¢h0s

cpT01

¶ ·
·¡1

: (16)

The mass ‡ow mt through the throttle is modeled as
mt = kt

p
pp ¡ p01; where kt is the throttle gain propor-

tional to throttle opening and pp is the plenum pressure.

We now have the following dynamic model for the com-
pression system:

_pp =
a2
01

Vp
(m ¡ kt

p
pp ¡ p01)

_m =
A1

Lc

Ãµ
1 +

¢h02s

T01cp

¶ ·
·¡1

p01 ¡ pp

!
(17)

_! =
1
J

(¿t ¡ ¿ c) ;

where (16) has been inserted in (1).

4 Comparison with experimental results

The response of the model (17) was compared to the
measured response from the lab in three di¤erent classes
of experiments. First, the calculated compressor char-
acteristic in equation (16) was compared to the mea-
sured characteristic for three di¤erent rotational speeds.
Then set point changes using both the blow o¤ valve
and the fuel supply were conducted and compared to
simulations. Finally the compressor was driven into
surge and the measured surge oscillation was compared
to a corresponding simulation.

4.1 Compressor characteristic
In these experiments, the compressor characteristic was
measured for three speed lines (N = 18000[rpm], N =
21000[rpm] and N = 23000[rpm]). For each speed,
the measurements started at high mass ‡ow, and the
‡ow was gradually reduced until surge was encountered.
The measurements are shown with ’x’-es interconnected
with solid lines in Fig. 4. A calculated compressor map
is shown with solid lines in Fig. 4. These speed lines
were calculated using (16). For negative ‡ows, the com-
pressor characteristic was calculated using

ªc(m; !) = cnm2 + Ãc0(!); m < 0 (18)

selecting a suitable value for cn, and calculating Ãc0(!)
by inserting m = 0 in (16). As can be seen, experi-
ment and theory match very well in the neighborhood
of the surge line, marked with the shaded area in Fig. 4.
The dashed line represents the line between the maxima
of the calculated speed lines, and it is almost indistin-
guishable from the line connecting the endpoint of the
measured speed lines, that is the surge line. For higher
mass ‡ows there is an increasing deviation between the-
ory and measurement. The reason for this might be
due to the incidence loss model (8) and (9) only being
valid in a limited range around the design ‡ow. Other
mechanisms responsible for the steep slope of the mea-
sured characteristic could be losses not taken account
for (leakage, disc friction, etc.) or choking. This is cur-
rently being studied more closely. However, it should
be emphasized that measurement and calculation of the
compressor pressure rise, is in agreement within 2% up
to about 40% above the surge ‡ow.

4.2 Set-point changes
Two di¤erent types of set point changes were per-
formed. First using the blow o¤ valve, and then using
the fuel valve. The transient measurements were then
compared to simulations. Because of di¢culties in mea-
suring the turbine exit temperature Tt;out, the temper-
ature drop over the turbine ¢T0;turbine was calculated
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Figure 5: Changing the set point using the blow o¤ valve.

from the compressor torque ¿ c at constant rotational
speed.

Blow o¤ valve: In this experiment the blow o¤ valve
was used to change the set point. The measurements
and corresponding simulations are shown in Fig. 5. At
t = 5:7s, the blow o¤ valve position was changed from
Yb = 3:485V to Yb = 4:395V, and back again at t = 52s.
From the mass ‡ow measurements it was found that this
corresponds to a step in kt from 0:00015 to 0:00022.
The blow o¤ valve is modeled as a step and a rate lim-
iter. The valve is rather slow, with a maximum slew
rate of 0:11V=s. As can be seen from Fig. 5, the simu-
lation and measurement are in good agreement, except
for the steady state of the rotational speed. This is
attributed in part to the deviation in the compressor
characteristic and in part to the di¢culties in calculat-
ing the drive torque from measured turbine tempera-
ture drop. The spikes seen in the speed measurments
in Fig. 5, and also Fig. 6, are due to a grounding prob-
lem in the buttons commanding the opening of the fuel-
and blow o¤ valves.
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Figure 6: Changing the set point using the fuel valve

Fuel valve/drive torque: In this experiment the fuel
valve was used to change the set point. This is equiv-
alent to manipulating the drive torque. The mea-
surements and corresponding simulations are shown in
Fig. 6. At t = 4:1s, the fuel valve position was changed
from Yg = 2:06V to Yb = 1:68V, and to Yb = 2:134V
at t = 48:6s. This corresponds to a step in turbine
temperature drop of ¡3:06K at t = 4:1s and 3:30K at
t = 48:6s. The temperature drops were computed from
the calculated compressor torque. From the mass ‡ow
measurements it was found that kt=0:00015. The tur-
bine responds quite slow to a change in fuel supply, and
a time constant of 8s between the temperature change
¢Tt and the drive torque ¿d was used to take this into
account. As shown in Fig. 6, the measurement and
simulation for this kind of set point change are in good
agreement.

4.3 Surge experiment
In this experiment, the compressor was initially operat-
ing close to the surge line, and then driven into surge us-
ing the blow o¤ valve. During the surge cycles, pressure
and rotational speed were logged using the dSPACE
DS1103 control board. In the upper part of Fig. 7, the
pressure transient when the compressor enters surge is
shown and compared to a simulation of the same sit-
uation (dashed lines). A more detailed comparison is
shown in the lower plot of Fig. 7, which is a zoomed-in
version of the upper plot. There is some deviation be-
tween the measured surge frequency (20 Hz), and the
simulated surge frequency (23 Hz). This is most likely
due to the mismatch between the slopes of the real and
calculated compressor characteristics, as the surge fre-
quency is dependent on this slope, [12]. When the com-
pressor is operating in surge, the rotational velocity of
the shaft is also oscillating. The amplitude of this os-
cillation is dependent on the size of the plenum volume
Vp. As we here operate with a relatively small volume,
it is to be expected that these oscillations are of a low
amplitude. Simulations show that at a nominal speed
of N = 20000[rpm], the amplitude of the surge induced
speed variations is 40[rpm]. The measured oscillations
in rotational speed are of such a small amplitude, that
they are not distinguishable from the noise in the mea-
sured signal. However, the power spectrum of the mea-
sured speed, in Fig. 9, shows that after the compressor
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Figure 7: Comparison of surge experiment and simulation

Figure 8: Power spectrum of pressure measurement

has entered surge (lower part of Fig. 9) the speed sig-
nal has a strong component at around 20Hz, the surge
frequency, that was not present before the surge event.
This is also seen in the power spectrum of the pressure
signal in Fig. 8.

5 Concluding remarks and further work

Comparison of simulations of a compression system
model and measurements from a gas turbine installa-
tion show that the model predicts the transients, both
stable and unstable, well. Transients in both pressure,
mass ‡ow and rotational speed were compared, and
both stable set point changes and surge were covered.

Further work includes improved modeling of the com-
pressor characteristic by improving the incidence loss
model, or taking account for other losses. Also in order
to study the variations in rotational speed during surge
more closely, it would be interesting to perform exper-
iments with a larger plenum volume, as we expect the
variations to be larger and therefore easier to verify.

Figure 9: Power spectrum of speed measurement
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